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A B S T R A C T

Engine components are exposed to vibrations which may lead
to fatigue damage. Accurate dynamic simulations are necessary,
especially during the development process, in order to find a
satisfactory component.

Currently Scania uses a standard method for dynamic calcu-
lations that is based on a frequency response approach. A mea-
sured or calculated excitation yields a certain response through
the transfer function of the system. The transfer function is ob-
tained through an eigenfrequency calculation and an experience-
based estimate of the modal damping. An obvious drawback of
this method is that the estimated modal damping strongly affects
the calculated response of the system.

In this thesis, the method outlined above is compared to an
alternative, so-called, inverse method in which the excitation
of the system is calculated using a measured response. The
advantage is that the modal damping does not affect the result
directly since the excitation has been adjusted according to the
response. As a demonstration object a charge air pipe and its
bracket are used. Acceleration response data is collected from an
engine vibration measurement.

The calculated safety factor of the demonstration object is
reasonable for both the standard method and the inverse method.
An estimate of the quality of the model is obtained for the inverse
method through statistical measures, which is not the case for
the standard method. The excitation for the inverse method
is adjusted to the estimated modal damping which is a major
advantage since damping is notoriously difficult to quantify in
engineering practice. The inverse method has proven to be a
useful simulation method for calculations when a prototype of
the engine component of interest already exists.
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S A M M A N FAT T N I N G

Motorkomponenter utsätts för vibrationer vilket kan leda till
utmattningsskador. Träffsäkra beräkningsmetoder är nödvändiga,
framförallt på utvecklingsstadiet, för att hitta en komponent som
fungerar tillfredsställande.

För närvarande använder Scania en standardmetod för dyna-
mikberäkning som baseras på frekvensrespons. En uppmätt eller
beräknad excitation ger en viss respons via överföringsfunktionen
för systemet. Överföringsfunktionen erhålls genom en egenfre-
kvensberäkning och en uppskattad modal dämpning baserad
på erfarenhet. En uppenbar nackdel med denna metod är att
den uppskattade modala dämpningen påverkar den beräknade
responsen för systemet i stor utsträckning.

I det här examensarbetet har metoden beskriven ovan jämförts
med en alternativ, så kallad inversmetod, där excitationen av
systemet beräknas utifrån en uppmätt respons. Som demonstra-
tionsobjekt har ett laddluftrör och dess fäste använts. Respons i
form av accelerationsdata har erhållits från vibrationsmätningar
på motorn.

Den beräknade säkerhetsfaktorn för demonstrationsobjektet är
rimlig för både standardmetoden och inversmetoden. En upp-
skattning av modellens exakthet erhålls med inversmetoden ge-
nom statistiska mått vilket inte är fallet med standardmetoden.
Excitationen för inversmetoden anpassas efter den modala dämp-
ningen vilket är en stor fördel då det är svårt att uppskatta
vad den är i verkligheten. Inversmetoden har visat sig vara en
användbar verifierande beräkningsmetod då en prototyp av mo-
torkomponenten av intresse redan existerar.
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We build too many walls and not enough bridges.

— Isaac Newton

You’d be surprised how many people violate this simple principle
every day of their lives and try to fit square pegs into round holes,

ignoring the clear reality that Things Are As They Are.

— Benjamin Hoff
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Part I

I N T R O D U C T I O N





1
B A C K G R O U N D

The continuous development of today’s diesel truck engines
increases the number of mounted engine components. This leads
to lack of space and hence, difficulties with mounting these
components in a robust way. Examples of such components may
be compressors, pumps, controllers, etc. A major challenge is to
mount components so as to minimize the adverse effects of engine
induced vibrations. The increasing demand for engine power
output makes it difficult to dimension these components against
vibration fatigue. In order to save time and minimize costs it
is desirable to reduce the number of generations of prototypes
during the development process. Accurate dynamics simulations
would be an advantage already at the design stage in the finding
of a satisfactory component.

Today Scania uses a standard method for dynamic calculations
that is based on a frequency response approach where the trans-
fer function of the system is calculated by an eigenfrequency
calculation and an experience-based estimate of the modal damp-
ing. For a measured or calculated excitation the transfer function
returns a given response. An obvious drawback of this method is
that the estimated modal damping strongly affects the calculated
response of the system.

An alternative inverse method has been developed by the chassi
dynamics and strength analysis group at Scania. As before it
is based on a transfer function with an estimated modal damp-
ing. However the excitation of the engine is calculated from a
measured response. The advantage is that the estimated modal
damping does not affect the result directly since the excitation
has been adjusted according to the response. The difficulty is to
ascertain whether a satisfactory relationship between excitation
and measured response has been found. The aim of this thesis
is to compare this method for calculation of fatigue damage to
the established frequency response approach. Assumptions and
simplifications of the two methods are evaluated as well as the
sensitivity in model parameters. In addition an investigation into
current strategies and methods in the area of vibration fatigue
calculations is performed.

As a demonstration object for this method a prototype bracket
for a charge air pipe is used in this thesis. The bracket has failed
in engine tests, which an efficient calculation method also should
confirm.
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Part II

M A I N PA RT





2
T H E O RY

2.1 engine vibrations

Engine vibrations occur due to combustion in the cylinders, the
movement of the pistons, the rotation of the crankshaft and other
mechanical part and even the roughness of the road.

In order to study a discrete time signal, which a vibration signal
is composed of, a Fourier transform can be applied. A discrete
time signal from, for example, a measurement or simulation can
be expressed by a number of cosine and sine terms with different
amplitudes and frequencies, a so called Fourier series.

The Discrete Fourier Transform (DFT) makes use of this fact
and is defined as:

F ({xn})k =
1

N

N−1∑
n=0

xn · e−2πikn/N ,k = 0, 1, 2, . . . ,N− 1 (2.1)

where xn is the value of x in the discrete point n and N is the
number of samples [7]. The Fourier transform forms a frequency
spectrum where the amplitude for each value of k represents a
frequency in the time domain. With the help of such a frequency
spectrum the frequencies in a vibration signal can be identified.

In the context of engine vibrations, the concept “engine order”
or “order” is often used. An event of order 1 means the event
occurs once every crankshaft cycle. A cylinder combustion that
in a one-cylinder engine occurs once every other crankshaft cycle,
thus corresponds to engine order 0.5 or in a six-cylinder engine
to order 3.

The relationship between frequency and engine order is given
by

f =
rpm

60
· engine order (2.2)

where rpm is the number of crankshaft rounds during one
minute.

Vibrations that occur because of resonance effects must be able
to be separated from those that depend on engine speed. To
accomplish this a waterfall chart can be examined. The waterfall
chart is obtained, for a given position on the engine, through
acceleration measurements during a sweep across engine speeds.
It is plotted in 3 dimensions with frequency on the x-axis, engine
speed on the y-axis and displacement amplitude on the z-axis.
The vibration signal is ordered with respect to engine speed and
frequency spectra are formed by applying the Fourier transform.

7



8 theory

Figure 1: A waterfall chart shows the frequencies that are dependent of
engine speed (proportional to rpm) and the resonant frequen-
cies that are independent of engine speed.

Figure 1 shows a waterfall chart, where the response of the
system is observed to be of two kinds. Away from resonance
frequencies, the response is proportional to the load level. This
type of response appears in the waterfall chart along lines of
constant engine order. At the resonance frequencies of the system,
however, the response appears in the chart as lines along constant
frequency (along the y-axis).

Vibrations with the largest amplitudes will occur whenever
a order line intersects a resonance frequency, meaning that an
excitation frequency coincides with the resonance frequency.

2.2 eigenfrequencies

The eigenvalues describe the eigenfrequencies of the system,
that is, the natural frequencies at which the system preferably
vibrates. To each eigenfrequency corresponds an eigenmode
which is a specific oscillation coupled to the eigenfrequency.
Eigenfrequencies and eigenmodes are important since the motion
of an object subjected to vibration can be expressed as a linear
combination of the eigenmodes.

Mechanical resonance may occur if an object is subject to an
external load (force) that varies in time. If the frequency of the
time-varying load is close to the eigenfrequency of the object,
resonance occures. The amplitude of the oscillatory motion
becomes several times larger, compared to if a load of the same
magnitude had been applied with a different frequency.

In the case of an engine that occurs when the engine vibrates
with the eigenfrequency of any of the engine components. The
component will be exposed to the largest vibration amplitude at
resonance, which may lead to fatigue.
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Since mass can move in three spatial directions (x, y, z) and
there also exists rotation about the same axes, an engine is a
complex system. Discretized, it results in a system with multiple
degrees of freedom (MDOF). Unless the geometry of the problem
is simple a numerical method of some kind must be used in order
to find these eigenfrequencies and eigenmodes. The solution to
such a vibration problem gives N eigenvalues (ω0,ω1, . . . ,ωN)
where N is the potentially large number of degrees of freedom in
the system.

2.3 frequency response analysis

A vibration problem can be considered as an input/output rela-
tion. In the frequency domain, this can be expressed as

F ({x})(ω) = H(ω) ·F ({f})(ω) (2.3)

where the excitation force F ({f})(ω) is the input, the response
F ({x})(ω) is the output and H(ω) is the frequency response
function [7].

2.3.1 Modal frequency response analysis

Performing a frequency analysis is extremely time-consuming
when the size of the model is large. The equation of motion,
Eq.(2.4), results in a system of equations of size N×N where N
is the total number of degrees of freedom. To be able to solve
a system of such size it is necessary to reduce the number of
degrees of freedom. This can be accomplished by transforming
the system to modal basis. The aim is to, sufficiently accurately,
describe the deformation with as few base vectors as possible.

Consider the discretized equation of motion in Cartesian coor-
dinates

M︸︷︷︸
N×N

ẍ︸︷︷︸
N×1

+ C︸︷︷︸
N×N

ẋ︸︷︷︸
N×1

+ K︸︷︷︸
N×N

x︸︷︷︸
N×1

= F(t)︸︷︷︸
N×1

(2.4)

where M is the mass matrix, C is the damping matrix and K is
the stiffness matrix. The vector x contains the displacements and
F(t) is a vector containing the excitation forces.

If damping and excitation forces are neglected the equation
becomes

Mẍ + Kx = 0. (2.5)

Assume that the solution is of the form

x = φ · eiωt (2.6)
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where φ is a vector of size N, φ = [ϕ1,ϕ2, . . . ,ϕN]. Substitut-
ing Eq.(2.6) into Eq.(2.5) results in the generalized eigenvalue
problem

Kφ = ω2Mφ (2.7)

from which the eigenfrequency ω2r can be determined, r =

1, . . . ,N. The values of φ that correspond to each eigenfrequency
are the respective real eigenmodes.

A certain delimitation is accomplished by only choosing a
limited number, M, of eigenfrequencies such that M << N. The
eigenmodes are collected in a matrix Φ as,

Φ =

 | | |

φ1 φ2 · · · φM
| | |

 =


ϕ11 ϕ12 · · · ϕ1M

ϕ21 ϕ22 · · · ϕ2M
...

...
. . .

...

ϕN1 ϕN2 · · · ϕNM

 . (2.8)

If the mass and stiffness matrices are symmetric thenΦ composes
an orthonormal transformation matrix as described in [3] which
means that both,

ΦT︸︷︷︸
M×N

M︸︷︷︸
N×N

Φ︸︷︷︸
N×M

(2.9)

and

ΦT︸︷︷︸
M×N

K︸︷︷︸
N×N

Φ︸︷︷︸
N×M

(2.10)

are diagonal. It is also assumed that C in Eq.(2.4) is symmetric
so that ΦTCΦ is diagonal.

Now since all the matrices in the transformed system are di-
agonal, the original equation system Eq.(2.4) can be transformed
into M independent equations, r = 1, . . . ,M as{

ΦTMΦ
}
rr

{
ΦT ẍ

}
r
+
{
ΦTCΦ

}
rr

{
ΦT ẋ

}
r
+

+
{
ΦTKΦ

}
rr

{
ΦTx

}
r
=
{
ΦTF

}
r

. (2.11)

The following notation is introduced

mr =
{
ΦTMΦ

}
rr

(2.12)

cr =
{
ΦTCΦ

}
rr

(2.13)

kr =
{
ΦTKΦ

}
rr

(2.14)

fr =
{
ΦTF

}
r
=

N∑
j=1

ϕrjFj (2.15)

qr =
{
ΦTx

}
r
=

N∑
i=1

ϕrixi (2.16)
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which makes it possible to rewrite Eq.(2.11) as

mrq̈r + crq̇r + krqr = fr , r = 1, 2, . . . ,M (2.17)

wheremr, cr, kr and fr are referred to as modal mass, modal viscos-
ity, modal stiffness and modal force, respectively. The homogeneous
solution to such an equation is

qr = q
amp
r exp(ω · t) (2.18)

where qampr is a constant and

ω =
−cr
2mr

±

√
c2r
4m2r

−
kr

mr
. (2.19)

Critical viscosity is defined as the value for which√
(c2r/4m

2
r) − (kr/mr) = 0 as presented in [8],

ccritr ≡ 2
√
mrkr. (2.20)

Furthermore modal damping is defined as the ratio between modal
viscosity and critical viscosity

ξr ≡
cr

ccritr

. (2.21)

In terms of these two definitions Eq.(2.17) can be rewritten as

mrq̈r+ ξr2
√
mrkrq̇r+ krqr = fr , r = 1, 2, . . . ,M. (2.22)

By use of Eq.(2.18) this equation can be transformed by the DFT
to the frequency domain

(−mrω
2+ iωξr2

√
mrkr+kr)F ({qr})(ω) = F ({fr})(ω) (2.23)

from which the frequency response function for modal coordi-
nates can be defined

Hr(ω) =
F ({qr})(ω)

F ({fr})(ω)
=

1

mr(ω2n −ω2 + 2iωωnξr)
(2.24)

where

ωn =
kr

mr
. (2.25)

2.4 frequency response function

In order to perform a frequency response analysis the frequency
response function in Eq.(2.24) is transformed back to Cartesian
coordinates. Combining Eq.(2.15) and Eq.(2.24) gives

F ({qr})(ω) = Hr(ω)F ({fr})(ω) =

= Hr(ω)

N∑
j=1

ϕrjF ({Fj})(ω) =

N∑
j=1

Hrj(ω)F ({Fj})(ω)

(2.26)
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where

Hrj(ω) ≡ ϕrjHr(ω) =
ϕrj

mr(ω2n −ω2 + 2iωωnξr)
. (2.27)

To get the response in the physical coordinate xi a transformation
back to Cartesian coordinates according to Eq.(2.16) is performed

F ({xi})(ω) =

M∑
r=1

ϕirF ({qr})(ω) =

=

M∑
r=1

ϕir

 N∑
j=1

Hrj(ω)F ({Fj})(ω)

 . (2.28)

Thus, the response in a coordinate xi due to a excitation Fj is
given by

F ({xi})(ω) = Hij(ω)F ({Fj})(ω) (2.29)

where Hij is defined as

Hij(ω) =
F ({xi})(ω)

F ({Fj})(ω)
=

M∑
r=1

ϕirHrj(ω) =

=
ϕirϕrj

mr(ω2n −ω2 + 2iωωnξr)
. (2.30)



3
M E T H O D

3.1 demonstration object

As demonstration object for this method study a bracket to the
charge air pipe1 of one of Scanias truck engines is used, see
Figure 2 and Figure 3.

The bracket has failed during engine tests on several occasions.
Yet, both testing and standard computational methods have been
unable to reproduce this failure. Measured as well as calculated
excitation data exist for this component making it suitable for
this investigation.

Figure 2: The attachment of the charge air pipe to the engine.

Figure 3: The charge air pipe bracket. The circle shows the position of
failure in engine tests.

1 The charge air pipe leads compressed air from the turbocharger back into the
cylinders to increase power of combustion.

13
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3.2 inverse method

3.2.1 Measured data

As a basis for this method a vibration measurement is performed
on the charge air pipe and bracket in an engine test bed2. Ac-
celerometers are placed at two positons of the charge air pipe and
bracket respectively. The total number of measurement channels
is eleven. For a more detailed description of the placement and
notation of accelerometers see Appendix A.

Measurement data is sampled during a sweep across engine
speeds from 800 rpm-2300 rpm during 150 seconds, with an
increment of ten rpm/s. In the measurement the accelerations
signals varies both in amplitude and frequency. A periodicity
exist in the signal since the engine itself has its own period.
The period corresponds to one combustion cycle which is two
crankshaft revolutions (on a 4-stroke engine).

3.2.2 Calculating the excitation forces affecting the engine

The idea of the inverse method is to calculate the forces that
affect the engine instead of calculating the response of a given
excitation. By this, the name inverse method since it starts from a
known response that is measured on the component and tries to
calculate the underlying forces for that response.

In this case the affecting forces are applied in the main bearings
and in the cylinders according to Figure 4. By this affecting force
and torque can be applied in any desired direction.

A remark is that the number of excitation forces has to be less
than the number of response channels. This since it is necessary
for the system to be overdetermined. If the number of excitation
forces and response channels are the same it is always possi-
ble to determine the calculated forces so that they produce the
measured response with no information of the overall quality
of the model. However if it is possible to calculate the response
accurately using less excitation forces than response channels it
is an indication that the model is working properly.

The performed measurement results in acceleration data for the
response points. For simplicity assume that there are l number

2 Measurements are performed by Tommy Andersson, NMBT3 on a DC1310.
3 Group at Scania that performs different tests and measurements of engine

components.
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Figure 4: The forces affecting the engine are calculated in the main
bearings and in one of the cylinders.

of measurement channels and k number of forces that are to be
calculated where l > k.

a(t) =


a1(t)

...

al(t)

 (3.1)

Here a(t) is a time-dependent vector of order l containing a time
signal of the measured accelerations of the response points.

Calculating the Fourier transform of the measured response
makes the frequency response function of Eq.(2.30) applicable, in
this case denoted H̃ where,

H̃ij(ω) = Hij (3.2)

and

l×1︷ ︸︸ ︷
F ({a})(ω)︸ ︷︷ ︸

measured

=

l×k︷ ︸︸ ︷
H̃(ω)

k×1︷ ︸︸ ︷
F ({Fsim})(ω)︸ ︷︷ ︸

wanted

. (3.3)

The vector Fsim = [F1, F2, . . . Fk] of order k contains the forces that
are to be calculated. The forces can be computed by taking the
pseudo inverse of the frequency response function as

F ({Fsim})(ω) = H̃+(ω)F ({a})(ω). (3.4)

where the pseudoinverse, A+ (of order n×m), of a matrix A (of
order m× n) with singular value decomposition A = QSPT is
defined by

A+ = PS+QT . (3.5)
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The matrix S+ is the n×m “diagonal” matrix with elements
[S+]ii = 1

µi
, i = 1, . . . , r and remaining elements 0 [7]. The

variables µi are called the singular values of A.
Note that this is not an unique solution since the system is

overdetermined and the pseudoinverse is used. Here the forces
will be calculated in a least squares sense [7].

F ({amodel})(ω) = Ĥ(ω)F ({Fsim})(ω) = Ĥ(ω)H̃+(ω)F ({a})(ω)

(3.6)

where Ĥ(ω) is given by Eq.(2.30) as well, i.e. Ĥ(ω) = H̃(ω).
For a calculated force F ({Fsim})(ω), the response can be calcu-

lated for points corresponding to measurements. By applying the
inverse Fourier transform a calculated time-signal of acceleration
is recieved,

amodel = F−1({Ĥ(ω)H̃+(ω)F ({a})(ω)})(t). (3.7)

The calculated acceleration can be used to assess the model
quality by comparing it to the measured acceleration. If the
calculated and measured accelerations coincide when the system
is overdetermined the assumption that the model predicts the
response accurately in any point lying in between these points
can be made.

Note that if the system would not be overdetermined (l = k) the
calculated response would be exactly the same as the measured
response, i.e. amodel = a since H̃+(ω) → H̃−1(ω). But the
calculated forces are only adjusted to give the right response in
the points of measurement and if the modal damping is assumed
inaccurately the result will be erroneous.

In order to use this method the following parameters must
be determined since they are part of the frequency response
function.

ϕir - modal displacement in nodes where response is measured
ϕjr - modal displacement in nodes where force is acting
ωr - the eigenfrequencies of the modes
ξr - the modal damping

Modal displacements are calculated numerically while the modal
damping is set to an appropriate value, typically 2− 5% based
on experience. An increased modal damping will have the effect
that higher order modes affects the lower frequency domain to a
larger extent.

The major advantage of the inverse method is that the pre-
scribed damping of a mode is incorrect it will be compensated
for by the magnitude of the calculated force. Assuming that the
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modal damping is overestimated the calculated force, in this case,
will have to be larger to capture the measured response and vice
versa. The inverse method yields a calculation model that is not
very sensitive to the assumed damping.

3.2.3 Test example

The most important aspects of the inverse method is described in
this section, by using it on a simple test component of flat steel.

The base of the plate is attached to a vibrating table and is
excited by white noise in the frequency range 150-500 Hz. The
acceleration is measured both at the base of the plate and at the
tip of the plate which is shown in Figure 5.

Figure 5: Simple flat steel test component. The acceleration is measured
at the base and at the tip ot the plate (marked with crosses).

Then the acceleration is calculated at the two response points.
The result for the tip of the plate is shown in Figure 6 where
measured and calculated response are plotted together. Figure 7

shows the frequency spectra of the same signals.

Figure 6: Measured and calculated acceleration at the tip of the plate.
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Figure 7: Frequency spectrum of measured and calculated signal at the
tip of the plate.

Apply weights to the equations

One can realize that it is important that both of the response
signals are calculated as accurately as possible. It is not good if
one response signal coincide with measured response while the
other one deviates.

In order to control the quality of the calculated response a
weight can be added to the equations. This will make some of the
response channels more important than others in the calculation.

In the present case it was desirable to add a weight to the
response point at the tip of the plate. This can be achieved
by multiplying the corresponding equation with a weight v as
described below,[

F ({x1})(ω)

v2F ({x2})(ω)

]
=

[
H11(ω)

v2H21(ω)

]
F ({F1})(ω). (3.8)

Solving for F ({F1})(ω) gives

[
H11(ω) v2H21(ω)

] [ F ({x1})(ω)

v2F ({x2})(ω)

]
=

= (H211(ω) + v22H
2
21(ω))F ({F1})(ω) (3.9)

and now

F ({F1})(ω) =
H11(ω)F ({x1})(ω) + v22H21(ω)F ({x2})(ω)

H211(ω) + v22H
2
21(ω)

.

(3.10)

It is clear from Eq.(3.10) that an applied weight v2 > 1 yields
a calculated force, F1, that is more affected by the measured
response at the tip of the plate compared to the base. Figure 8
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shows the same frequency spectrum as in Figure 7 but with the
difference that the equation corresponding to the tip of the plate
has been weighted higher.

Figure 8: Frequency spectrum of measured and calculated signal when
response point is weighted three times as high.

Apply target factors to the equations

If the calculated response has a lower amplitude than the mea-
sured response it is also possible to compensate for this by adding
a target factor.

Assume that the response point x1 is calculated accurately
but the amplitude is too low in comparison with the measured
response. This can be compensated for by adding a target factor
t1 to the system of equations. The idea is described by the
subsequent example.[

t1F ({x1})(ω)

F ({x2})(ω)

]
=

[
H11(ω)

H21(ω)

]
F ({F1})(ω). (3.11)

Solving for F ({F1})(ω)

[
H11(ω) H21(ω)

] [t1F ({x1})(ω)

F ({x2})(ω)

]
=

= (H211(ω) +H221(ω))F ({F1})(ω) (3.12)

and now

F ({F1})(ω) =
t1H11(ω)F ({x1})(ω) +H21(ω)F ({x2})(ω)

H211(ω) +H221(ω)
.

(3.13)

Note in Eq.(3.13) that a target factor t1 > 1 increases the
calculated response F1 as a consequence of a larger contribution
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from the term corresponding to the response point x1. This will
make the amplitude of the calculated response in x1 agree better
with the amplitude of the measured response, but at the expense
of the amplitude in response point x2.

3.2.4 Statistical measures

It is necessary to introduce statistical measures in order to get an
estimate of how well the calculated response as a whole coincides
with measured response. Since the system is overdetermined it is
clear that an error exists in the model. However it is not allowed
for the calculated response to deviate to much from the measured
response. In that case the quality of the model is questioned and
the result unreliable.

Sample correlation

The obvious statistical measure when comparing two signals is
correlation. The sample correlation, here denoted rxy is defined
as

rxy =

∑
i=1(xi − x̄)(yi − ȳ)

(n− 1)sxsy
(3.14)

where n is the number of samples, x̄ and ȳ are the sample means
and sx, sy are the sample deviations. A perfect coincidence when
comparing two signals corresponds to rxy = 1.

A guideline when checking the quality of the model is that
the sample correlation should not be smaller than 0.85 for any
of the response channels. This is based on experience from tests.
Channels with sample correlation < 0.85 should be investigated
thorughly to ensure that the deviations in such case are accept-
able.

A problem of studying only correlation is that two signals
that are identical in frequency content but differ in amplitude
will result in a sample correlation equal to one. An example
of such a measured and calculated signal are shown in Figure
9. When calculating fatigue damage the results depend greatly
on the amplitude of calculated strains and therefore additional
statistical measures are necessary.
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Figure 9: Example of a calculated response with rxy = 1. The result
should still be considered as unacceptable since the ampli-
tudes differs significantly.

Time Dependent Discrepancy Index (TDDI)

Another statistical measure that describes the correlation between
two signals is the Time Dependent Discrepancy Index (TDDI). It
is also a measure of how well two signals correlates with respect
to phase but it also takes differences in amplitude into account.

The TDDI for a measured signal x and a simulated signal y
each with N number of samples is defined as [4],

TDDI =

∑
i (xi − yi)

2∑
i (xi − x̄)

(3.15)

The model is definitely satisfying if no one of the response chan-
nels has a TDDI higher than 0.3, also based on experience from
tests. However, as a rhule of thumb, the simpler the system the
lower the accepted TDDI should be. An acceptable limit of 0.3 is
for a rather complicated system.

Figure 10 shows a measured and calculated signal where the
amplitudes differ by a factor 1.67. The TDDI is however as low
as 0.16. It should be stated that the TDDI only detects large
deviations in amplitude and additional statistical measurements
that depends on differences in amplitudes are necessary.
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Figure 10: The amplitudes in the calculated and measured response
differ by a factor 1.67. This simulation would be acceptable
according to the criterion for TDDI.

Relative load

The load history of the measured and calculated response can be
expressed in terms of a equivalent load, Se100. It is defined as
the amplitude of 100 load cycles that gives the same part damage
as the real time history load. A more thourogh explanation of
part damage and equivalent load is given in [5].

The ratio between the equivalent load of the calculated and
measured response, see Eq.(3.16), is a good measure of how well
the amplitudes coincide.

Relative load =
Se100sim

Se100measured
(3.16)

At Scania an acceptable relative load is in the interval 0.9 6 1.1, i.e
deviations up to 10% is allowed. It is within this magnitude that
the uncertainty of the measurement lies in terms of repeatability.

3.2.5 Butterworth band-pass filter

A Butterworth band-pass filter is applied to the calculated and
measured signal in order to exclude low-frequent disturbances as
well as high-frequent noise unimportant with respect to fatigue
damage. A detailed description of the Butterworth filter that
MATLAB uses is presented in [2].

For engine components the vibrations that affect the engine
can be restricted to the interval 5− 300 Hz which is described
by Figure 11. Therefore frequencies outside this interval can be
removed from the calculated signal and only the most essential
data are used in the model.
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Figure 11: The figure shows measured acceleration (red), velocity
(green) and displacement(blue) on the engine block of a
6-cylinder engine during a sweep across engine speeds from
800− 2300 rpm. It is clear that the displacement is negligible
for frequencies > 300 Hz.

3.3 standard method

Two different approaches of the standard method are considered
for comparison with the inverse method.

The first is based upon a frequency response analysis on a
small subsystem where the load is applied at the attachment of
the exhaust manifold to the engine as seen in Figure 2.

In the second approach the whole engine model is used where
the load is applied at the engine mounts and at the upper corners
of the engine block instead. The difference is partly the size of the
models, but also the fact that load applied on the whole engine
only needs to be calculated once. If a fatigue calculation is to be
performed on another component, the same load can be used.

3.3.1 Frequency response analysis

The frequency response analysis is accomplished by a steady-
state linear dynamic analysis. It predicts the linear response
of a structure subjected to continuous harmonic excitation. In
a steady-state linear dynamic analysis a set of extracted eigen-
modes is used to calculate the steady-state solution as a function
of the frequency of the applied excitation. The theory behind the
procedure is described in Section 2.3.

3.4 engine model

The engine dynamics, acoustics and tribology group in engine
development at Scania has developed a complete engine model
shown in Figure 12. The model represents the inline 13 liter six
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cylinder engine and is coarsly meshed due to its size. A finely
meshed model would yield unreasonable computation times.

In this case the components of interest are the charge air pipe
and the charge air pipe bracket so a refined mesh of those com-
ponents is inserted together with the turbo and exhaust manifold.
The number of degrees of freedom in the model is approximately
6.4 · 106 and the eigenvalue extraction is cumbersome. The en-
gine model is used for the eigenvalue extraction that get an as
accurate modal basis as possible.

Figure 12: Engine model used for eigenvalue extraction.

3.4.1 Abaqus

In order to determine the eigenfrequencies and eigenmodes of
the engine necessary for both the standard- and inverse method,
the numerical simulation program Abaqus[1] is used.

Abaqus uses the Finite Element Method (FEM) for its calcula-
tions. The eigenvalue extraction is based on a transformation to
modal coordinates as described in Section 2.3.1. Calculation with
modal coordinates is useful since it reduces computational time,
which is necessary for the simulations carried out in this work.
Abaqus can give all sorts of output data, in this case only modal
stress and modal displacement are computed.

In addition, Abaqus is used to perform the steady-state linear
dynamic analysis described in Section 3.3.1 where load is applied
on the whole engine block.
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FAT I G U E

A structure subjected to repeated loading of a certain magnitude
may fail, even though the load magnitude is such that it is well
below the static strength of the structure. This phenomenon
is called “fatigue” and is of great significance to not only the
manufacturers of commercial vehicles, but to society as a whole.
At Scania it is believed that 80− 90% of all mechanical failures
today can be attributed to fatigue.

4.1 safety factor with respect to fatigue

It is of great importance that numerical calculations can predict
fatigue damage satisfactorly. Here the concept of safety factor is
introduced. It is generally defined as

Θ =
median(R)
median(L)

(4.1)

where R is the strength, or resistance, and L is the load. A high
safety factor means a low risk of fatigue damage and vice versa.

The results of the inverse method are modal amplitudes qr(t)
as a function of time. These are passed to the commercial fatigue
post-processor FemFat, together with modal stress Sr to deter-
mine the safety factor. A thourough explanation of how Femfat
calculates the safety factor can be found in [11].

For the purpose of clarity, a simplified procedure is presented
for calculating a safety factor with respect to fatigue.

The modal amplitudes qr(t) can be used together with the
calculated modal stresses Sr, to construct a stress-time signal as,

σ(t) =

M∑
r=1

Sr · qr(t). (4.2)

The challenge is to extract, from the stress-time signal, an
adequate stress measure which can be used to assess the risk
of fatigue. It is noted that fatigue cracks often develop in re-
gions of high tensile stresses. Therefore, the first principal stress
(largest eigenvalue of the stress tensor) is frequently taken as an
important scalar measure of stress. Furthermore, fatigue cracks
often develop on the surface of a structure, which allows for the
reduction to a planar stress state.

25
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The first principal stress, σ1, for a case of plane stress (with
σzz = σxz = σyz = 0) is given by [5]

σ1 =
σx + σy
2

+

√(
σx − σy
2

)2
+ τ2xy, (4.3)

where the first principal stress is a function of time σ1 = σ1(t)

and τxy is the shear stress.
As a first attempt at designing a fatigue criterion, one could

imagine stepping through this time history and identify the
largest value of σ1. However, it is well known, from a fatigue
point of view, that an oscillating stress becomes increasingly
critical in the presence of a superposed constant stress.

Therefore it is common to define two scalar stress measures -
an amplitude stress, σa, and a mean stress, σm, in the current
simplified procedure. These are based on the first principal stress
as

σm =
σ1max + σ1min

2
(4.4)

σa =
σ1max − σ1min

2
. (4.5)

It is important to underline that the preceding procedure is a
crude way of determining the criticality of a given stress-time
history, and that commercial fatigue post-processors use far more
elaborate methods to calculate corresponding amplitude and
mean stresses.

There exist in the literature data for a range of common engi-
neering materials that define critical combinations of amplitude
and mean stresses. A convenient description of a material can be
obtained through a Haigh diagram, shown in Figure 13.
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Figure 13: Mean stress and stress amplitude plotted in a Haigh diagram
makes it possible to determine the safety factor as the ratio
between the Haigh curve and the data point. Here the safety
factor is less than one since σa > σa,haigh.

The Haigh diagram, defined in the mean-stress / amplitude-
stress plane, effectively gives a bounding curve inside where no
fatigue is expected and outside where fatigue is expected. For a
given combination (σm,σa), a safety factor can be defined as [5]

Θ̂ =
σa,haigh

σa
, (4.6)

which becomes less than one outside, unity on, and greater than
one inside the curve.
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G E N E R A L M E T H O D S W I T H I N V I B R AT I O N
FAT I G U E C A L C U L AT I O N

Scientific articles in the area of vibration fatigue calculations have
been studied in order to examine if there exists methods similar
to Scanias current methods for assessing fatigue, or if there exists
articles describing an approach similar to the inverse method.

There are two types of frequency response analysis, direct -
and modal which is stated in [6]. In most situations the modal
frequency analysis is much faster to perform. The choice of
method, however depends on

1. The size of the system

2. The number of excitation frequencies for which the re-
sponse is calculated

3. The damping of the system

In the case of engine simulations, modal frequency analysis is
most frequently used since the number of degrees of freedom
is large. Also, generally a comparison between measured and
calculated eigenfrequencies in the finite element model is per-
formed in order to check the model quality. This is described in
for example [9].

It is also important to find a worst case with respect to response
where it is essential to stay within the limit of fatigue, regardless
of the number of cycles. This is the most difficult part when
performing vibration fatigue calculations and apperently also a
problem outside of Scania. In for example, [9], the von Mises
stresses were judged against the endurance limit of the material
for expected life.

For the standard approach frequency response calculation,
modal damping has to be defined for calculations of vibration
fatigue. This inevitibly affects the result, however the assumed
modal damping of typically 2− 5% is also used in [12].

An inverse method approach, where an excitation that yields a
measured response is calculated, is also described in [13]. Here,
also an overdetermined system is practiced in order to get an
estimate of the model reliability. In this case, however, the trans-
fer function is computed by the FEM solver Nastran instead of
analytically. Model updating is used until the calculated response
coincides with measured response satisfactory. Also it is stated
that the magnitude of the calculated forces should qualitatively
be checked to assure that they are reasonable in magnitude.
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6
R E S U LT S

6.1 eigenfrequency analysis

The Finite Element (FE)-analysis of the engine gives the eigen-
modes and eigenfrequencies. The three eigenmodes that are
excited and affects the charge air pipe and bracket the most
during engine operation is presented in Table 1.

Table 1: The three eigenmodes that contributes the most to vibration
fatigue of the charge air pipe bracket.

No. Eigenfrequency [Hz] Eigenmode

1 12

2 75

3 205

6.2 central safety factor from failure data

Approximately four out of five brackets failed in engine tests,
based on this a probability of failure p = 0.8 is assumed. A
central safety factor for comparison with the results of the fatigue
calculation can be derived by use of the central limit theorem [5].

33
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If p is denoted as the probability of failure, reliability is defined
as

PR = 1− p (6.1)

For simplicity it is assumed that load and strength are inde-
pendent and normally distributed

PR = Φ(tp) (6.2)

where the safety index, tp, is given by

tp =
Θ− 1√

V2L + (Θ · VR)2
(6.3)

where the parameters represent

VR - Variation coefficient for strength (resistance)

VL - Variation coefficient for load

Φ - PDF of the normal distribution

Θ - The central safety factor

(6.4)

Eq.(6.3) can be solved for Θ

Θ =
1±

√
1− (1− (tp · VR)2) · (1− (tp · VL)2)

1− (tp · VR)2
(6.5)

Equation(6.5) determines the ratio between the median of the
strength and the median of the load necessary to obtain a given
reliability at given variation coefficients.

The parameters of Eq. (6.4) are estimated as

p = 0.8 =⇒ PR = 0.2

PR = 0.2 =⇒ tp = 0.84

VR = 0.1

VL = 0.1

(6.6)

Combining Eq.(6.6) with Eq.(6.5) yields a central safety factor
of

Θ ≈ 0.89. (6.7)

Since the probability of failure of p = 0.8 is approximate an
acceptable prediction interval of the safety factor of the bracket
is determined as well. The rate of failure is definitely larger
than 50% but less than 100% based on the results from engine
tests. Assuming that the probability of failure is in the interval
0.5 6 p 6 0.95, an acceptable prediction interval of the central
safety factor would be,

0.79 6 Θ 6 1.0. (6.8)
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6.3 inverse method

For the inverse method the modal damping is set to 2% and the
calculated forces and response is filtered to the frequency range
5− 300 Hz. In the figures of this chapter the response channels
are denoted according to Figure 29d in Appendix A. A number is
also added corresponding to the direction of measurement. For
example C1-1 corresponds to accelerometer C1 where acceleration
is measured in the x-direction, C1-2 in the y-direction and C1-3
in the z-direction.

6.3.1 Unweighted model

Model quality

First a calculation without adding any weights or target factors
to the equations was carried out. An investigation of the model
quality was performed by checking the size of the calculated
forces. For example by using measured data of the gas pressure
during a combustion cycle the gas force in the cylinder can
be calculated. The measured gas force is used for comparison
with the calculated force in the z-direction, applied in the main
bearings, see Figure 4. These forces should be in the same order
of magnitude since they both represent a force on the engine
applied in the z-direction. By looking at Figure 14 it is clear that
the calculated force is reasonable since it is in the same order of
magnitude as the measured force. The fact that the calculated
force is smaller than the measured force in the z-direction is a
consequence of the assumed modal damping that is compensated
for in the simulation.

(a) Measured gas force. (b) Simulated force in z-direction.

Figure 14: Comparison of calculated and measured force in z-direction
at 1200 rpm, full throttle.

The statistical measures sample correlation (rxy), Time Depen-
dent Discrepancy Index (TDDI) and relative load described in
Section 3.2.4 gives an estimate of how accurate the model is in
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calculating the response. By looking at Figure 15 the model seems
accurate at first sight. There is only one response channel that is
not within acceptable limits with respect to sample correlation
and TDDI. For the relative load, seven response channels are
outside acceptable limits.

(a) Sample correlation rxy. (b) TDDI.

(c) Relative load.

Figure 15: Statistical measures estimating model quality.

The next test of the model is to go through all the response
channels and set them as monitor channels, one at a time. A
monitor channel is a response channel that is not accounted for
when calculating the forces, however response is calculated in that
response point anyway. This will detect any channels that should
be switched in phase (negative rxy) or that contains erroneous
measurement data (rxy < 0.7 based on experience from this
work). It also gives an idea of how precise the model simulates
the dynamics at points in between measured response points
which is an indication of the overall quality of the model.

The result shows that two of the response channels from the
same accelerometer on the bracket contains unreliable data. The
sample correlation becomes very low and even negative for one
of the channels. At the same time all the other channels shows a
high correlation when they are set as monitor channels. Figure
16a shows the sample correlation for a response point where
response is predicted accurately when put as monitor channel.
Figure 16b and Figure 16c shows the sample correlation for the
two failing channels when put as monitor channels.
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(a) Response predicted accurately. (b) Failing channel

(c) Failing channel

Figure 16: Checking model quality by using response channels as mon-
itor channels (marked with circles).

With this result in mind the two failing channels are removed
from the model and instead the model is now based on the
remaining nine response channels from the bracket and charge
air pipe.

It has already been verified that the magnitude of the force
is reasonable and that the response in each remaining response
channel is calculated properly when set as monitor channel. The
statistical measures sample correlation (rxy), Time Dependent
Discrepancy Index (TDDI) and relative load are now as presented
in Figure 17 for the nine remaining response channels.

When using only 9 response channels it is now verified that the
model is accurate with respect to all acceptance criteria except for
the relative load seen in Figure 17c. Despite this fact the modal
coordinates are now used for fatigue calculation. In that way a
comparison with calculated fatigue when the model has been
adjusted so that the relative load also is within acceptable limits
can be achieved.

The result of the fatigue calculation is shown in Figure 18-19.
The calculated safety factor shown in Figure 18 is reasonable with
respect to the magnitude of the safety factor and the acceptable
prediction interval presented in Section 6.2. Unfortuneately the
most critical region in the calculation shown in Figure 19 is not
the same as the position of failure shown in Figure 3.
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(a) Sample correlation rxy. (b) TDDI.

(c) Relative load.

Figure 17: Statistical measures estimating model quality for 9 remaining
response channels.

(a) Front of bracket. (b) Backside of bracket.

Figure 18: Regions in black color corresponds to calculated safety factor
< 1.7.
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(a) Most critical region of the bracket. (b) Closer view.

Figure 19: Regions in black color corresponds to calculated safety factor
< 0.8. This is the most critical region of the bracket according
to the fatigue calculation.

6.3.2 Weighted model

The unacceptable response channels with respect to relative load
in Figure 17c was adjusted by applying target factors to these
equations. The result was improved, now all channels except one
are within acceptable deviation limits which can be observed in
Figure 20c.

(a) Sample correlation rxy. (b) TDDI.

(c) Relative load.

Figure 20: Statistical measures estimating model quality when relative
load has been adjusted for.

The result shown in Figure 21-22 is almost identical with the
result when no target factor was applied. Possibly the critical
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regions have been slightly more delimited but otherwise the
result is practically the same.

(a) Front of bracket. (b) Backside of bracket.

Figure 21: Regions in black color corresponds to calculated safety factor
< 1.7.

(a) Most critical region of the bracket. (b) Closer view.

Figure 22: Regions in black color corresponds to calculated safety factor
< 0.8. This is the most critical region of the bracket according
to the fatigue calculation.

6.4 standard method

For the standard frequency response method the modal damp-
ing was set to 2%. It is the most commonly assumed value of
the modal damping and it was also the assumption of modal
damping in the inverse method.

6.4.1 Load applied at engine mounts and engine block corners

The result presented in Figure 23 - 25 is unreliable with respect
to the magnitude of the safety factor. According to this result the
bracket would not fail which it apparently does in engine tests.
Though it should be stated that the most critical region of the
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calculation is the same as the position of failure in tests. In that
sense this result is better than the result of the inverse method.

(a) Front of bracket. (b) Backside of bracket.

Figure 23: Regions in black color corresponds to calculated safety factor
< 6.

(a) Front of bracket. (b) Backside of bracket.

Figure 24: Regions in black color corresponds to calculated safety factor
< 3.

(a) Most critical region of the bracket. (b) Closer view.

Figure 25: Regions in black color corresponds to calculated safety factor
< 2.6. This is the most critical region of the bracket according
to the fatigue calculation.
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6.4.2 Load applied at attachment between the manifold and the engine
block

The result of the simulation where load was applied in the at-
tachment between the mainfold and the engine block can be seen
in Figure 26 - 27. Apparently this fatigue calculation is very
accurate since it predicts the positon of failure accurately and
with a reasonable safety factor. The assumed modal damping of
2% is obviously quite good for the standard method in this case.

(a) Front of bracket. (b) Backside of bracket.

Figure 26: Regions in black color corresponds to calculated safety factor
< 1.7.

(a) Most critical region of the
bracket.

(b) Closer view.

Figure 27: Regions in black color corresponds to calculated safety factor
< 1.3. This is the most critical region of the bracket according
to the fatigue calculation.

6.5 flow chart - calculation steps

The overall calculation procedure and estimated calculation time
for the inverse method is described by the flow chart in Figure
28. Under the assumption that the model is accurate the most
time consuming parts of this method is meshing and to carry
out the measurement. All together the fatigue calculation of an



6.5 flow chart - calculation steps 43

engine component with the inverse method takes about 3 days to
perform.

Calculate forces and simulate the 

response. Tune and verify the model by 

comparison with measured data. A time 

signal of modal coordinates is returned. 

Pass time signal with modal coordinates 

to Femfat and calculate fatigue damage.  

Study the eigenmodes. Specify 

positions for vibration measurement  

and carry out measurement on the 

components of interest. 

 

Mesh components of interest and 

replace components in engine model 

by components with refined mesh. 

 

Vibration measurement exists?  

  

Perform eigenfrequency calculation. Set 

modal displacement as output for excitation 

and response nodes and model stress as 

output for elements where fatigue damage 

should be calculated. 

1 

3 

5 

Evaluate the result.  
7 

≈8h 

≈1h 
≈4h 

≈4h 

Yes 

No 

2 

4 

6 

≈8h 

Figure 28: Flow chart of the calculation steps of the inverse method. A
fatigue calculation of an engine component with the inverse
method takes about 3 days to perform.
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C O N C L U S I O N S

The inverse method, based on an alternative frequency response
approach, shows promising results with respect to calculated
safety factors. Future work would also gain even more experience.
During the work, a number of advantages and disadvantages of
the inverse method have been identified. These are summarized
below.

7.1 advantages

The major advantages of the inverse method are:

• The assumed modal damping does not affect the result
directly.

The applied force on the engine is adjusted with respect to the
estimated modal damping. An underestimated modal damping
will result in a force larger in magnitude and vice versa.

• An estimate of the model quality is obtained.

Subsequent to the eigenfrequency calculation an estimate of
the model quality is obtained. This makes it possible to adjust
parameters that might improve the model without the need of
repeating any previous steps. This is not the case for the stan-
dard method where no indication of the quality of the model is
obtained at all.

• In comparison to the standard method it is computationally
fast and the number of calculation steps is less. The steps
are easy to perform.

To perform a fatigue calculation on an engine component takes
about 3 days of work compared to 4− 5 days for the standard
method. There are few steps and none of them are difficult to
perform, excluding the evaluation of the model quality.

• The amount of data is less than with the standard method.

The vibration measurement that the method is based on can
be an engine speed sweep from 800 rpm to 2300 rpm during 150

s. This results in a single data measurement file of descent size.

• The method produces reasonable results with respect to the
safety factor.

The calculated safety factor coincides with the prediction inter-
val of the calculated central safety factor in Section 6.2.
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7.2 disadvantages

The major disadvantages with the inverse method are:

• There must exist a prototype of the engine component of
interest to accomplish a measurement.

This makes it impossible to use the method early in the devel-
opment process when a prototype may not exist. It limits the
usefulness of the method since it is at that stage that vibration
fatigue calculations are most important.

• A vibration measurement must be performed for each new
component of interest. Previous measurements are not
useful.

Minor changes in the design of a component may be alright,
but if the eigenmodes are changed the measurement must be
repeated.

• The system must be overdetermined which implies many
measurement channels. In reality there is often a lack of
space for placement of accelerometers for the measurement.

When performing the measurement it is desirable to position
the accelerometers in the anti-nodes of the eigenmodes that are ex-
pected to be the most contributing to vibration fatigue. However
the number of mounted components on today’s truck engines
makes it difficult to accomodate measurement devices in pre-
ferred locations. Most often the request to position them in the
anti-nodes has to submit to where it is possible to even put a
transducer.

• An error in the measurement is difficult to detect.

The method is based upon the assumption that the dynamics
of the component can be described accurately by the vibration
measurement. An undetected error in the response data is unsat-
isfying, since it is the measured response that is reproduced and
determines the calculated fatigue.

• It is difficult to standardize the method. The application
of forces and the position of response measurements are
difficult to generalize.

The calculated force can be applied at any position on the
engine and the number of options is large. The same goes for
where response can be measured. In the case of the charge air
pipe, the forces applied according to Figure 4 and the response
measured according to Figure 29d proved satisfactory. However,
it is difficult to produce a guideline applicable to any choice of
engine component.
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• The method did not predict the most critical region of
fatigue on the demonstration object correctly.

The location of failure on the bracket is not the location with
the lowest safety factor in the fatigue calculation. It is of great
importance to predict the critical region accurately.





8
D I S C U S S I O N

The aim of this thesis was to investigate if it was possible to
use the inverse method as a standardized method for fatigue
calculation. The work in this thesis has proven that the inverse
method is a calculation method with great potential. Predictions
are reasonable with respect to observed failures in engine tests.

A main advantage of the inverse method is that the estimate
of the modal damping becomes non-critical. Another advantage
at this stage is that it is a simple task to “experiment” with
different ways of defining the excitation of the model. Also the
current implementation of the inverse method allows for filtering,
weighting of response and excitation channels, etc., as described
in Section 3.2.3.

An obvious drawback is that the method relies on a previously
measured response of a physical system, which in reality may
not always exist. Also if the system is changed the measurement
must be repeated.

A lesson learned during this work is that it is important to
get a practical “feel” for the model quality prior to calculating
fatigue damage. To this end, the inverse method provides various
statistical measures discussed in Section 3.2.4. Additionally, the
method allows for the conversion to so-called “monitor channels”
as discussed in Section 6.3.

There are areas of improvement concerning the inverse method.
First an evaluation of the model quality should be easier to
perform. A suggestion to this end is the development of an
automated routine that performs a successive conversion of every
response channel to a monitor channel. Subsequent storage of
relevant statistical measures should of course be made. Such a
routine would eliminate tedious and time-consuming manual
work.

Second, it would be advantegeous to be able to automatically
apply different sets of weights and target factors to response
channels. This would facilitate the identification of an “optimal”
set, producing the best result according to relevant statistical
measures.

Third, is the effect that the estimated modal damping has on
the result. Apperently it is not as critical as for the standard
method but nevertheless, should the criticality in the estimated
modal damping be investigated further.

Last, the decision of where to apply forces to the system, and
how many forces to apply, is not trivial. Neither is the decision
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of where response is measured, and in how many positions. It
is not clear if a given set of forces and response measurements
is the “best choice” for a particular situation. It is likely that the
best choice can only be identified through hands-on experience
with the inverse method.

The disadvantages of the inverse method are small compared to
the advantage of not having to know a priori the modal damping
of the system. Still, as stated above, there is room for improve-
ments before the inverse method can work as a complement to
the standard method. All in all, the inverse method has potential
of becoming a good fatigue calculation method useful at a late
stage of the development process.
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Part IV

A P P E N D I X





A
P L A C E M E N T O F A C C E L E R O M E T E R S I N
M E A S U R E M E N T

This chapter describes the position and notation of the accelerom-
eters used to perform the vibration measurement of the charge
air pipe and bracket. Four accelerometers were used resulting in
totally eleven measurement channels.

(a) Front of truck. (b) Rear of truck.

(c) Truck engine DC1310. (d) Placement of accelerometers
C1, C2, B1, B2.

Figure 29: Test truck “Kristall” placed in engine test cell
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B
C O O R D I N AT E T R A N S F O R M AT I O N

Often the vibration measurements are not performed in the global
coordinate system of the engine but in a local coordinate system
due to the placement of the transducer. In such case it is nec-
essary to perform a coordinate transformation of the measured
data to obtain it in the reference frame of the engine instead.
Such a transformation will be described in this chapter and the
procedure has been obtained from [10].

Consider the right-handed rectangular frame ox′y′z′ that has
been displaced from the right-handed reference frame oxyz in
Figure 30. Let ux, uy and uz be unit vectors along the axes of the
reference frame and let ux′ , uy′ and uz′ be unit vectors along the
axes of the displaced frame. The vectors of one of the reference
frames can be expressed in terms of the other by use of the
dot product. For example the component of ux′ along uy′ is the
cosine between the axes ox′ and oy. The notation cx′y is used to
represent such cosines as,

cx′y = u′x • uy = uy • u′x (B.1)

The vectors ux, uy and uz can be expressed in the local reference
system,

ux = cx′xux′ + cy′xuy′ + cz′xuz′

uy = cx′yux′ + cy′yuy′ + cz′yuz′

uz = cx′zux′ + cy′zuy′ + cz′zuz′ (B.2)

Figure 30: The orthogonal unit vectors (u′x, u′y, u′z) are angularly dis-
placed with respect to the global reference frame (ux, uy, uz).

57



58 bibliography

Place the cosines in a square matrix as

[C] =

cx′x cy′x cz′x

cx′y cy′y cz′y

cx′z cy′z cz′z

 (B.3)

This matrix is denoted as rotational-transformation matrix or
rotation matrix associated with the angular displacement shown
in Figure 30. The desired relation between the local and global
reference frame is given by


x

y

z

 = [C]


x′

y′

z′

 (B.4)



C
U S I N G T H E I N V E R S E M E T H O D

c.1 user input

To be able to perform a fatigue calculation with the inverse
method the user must provide the input that is described briefly
below.

1. An .odb-file with an eigenfrequency calculation achieved
by use of the command *frequency in Abaqus.

a) Normalization=mass must be used to normalize the
eigenvectors so that the modal mass mr = 1.

b) Field output, U - modal displacement, must exist in the
odb-file for the nodes where force should be applied
or response should be calculated.

c) Field output, E - elongation, must exist in the .odb-file
for the elements where elongation should be calcu-
lated.

d) Field output, S - stress, must exist in the .odb-file for
the elements where fatigue damage should be calcu-
lated.

e) The .odb-fil must contain node sets and element sets
that identifies the transducers so that each node set
and element set contains exactly one transducer.

f) In order to make it possible to run Femfat automati-
cally through a Python script element sets should be
created for elements with the same material. The el-
ement sets should also have the same prefix in order
to split the .odb-file in smaller files that are easier to
work with.

g) The nodes where the excitation force is to be applied
should not be locked in any way in the direction of the
force.

2. A .txt-file containing measurement data. The first column
must contain measurement data and the sequent columns
should contain data from each channel of the measurement.
The file should not be > 50 Mb to avoid memory issues
when using Matlab.

3. A .txt-file containing information of how the data of the
measurement file should be interpreted. Each row in the
file should have the following content:
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FORCE1,1,-1

FORCE1,2,-1

FORCE1,3,-1

RESPONSE1,1,2

RESPONSE1,2,3

RESPONSE1,3,4

The first parameter of each row gives the name of the node-
or element set from which modal displacements have been
extracted.

The last parameter of each row determines if the row cor-
responds to a response channel or an excitation force. The
number −1 corresponds to an excitation force and oth-
erwise the number corresponds to which column in the
measurement file that contains the data of the response
channel.

The second parameter describes if force is applied or re-
sponse is measured in the x,y or z-direction (1-3).

Followlingly the text above would mean that a force should
be calculated in the x,y and z-direction in the position
corresponding to the node set FORCE1. Response should
be calculated at the point corresponding to the node set
RESPONSE1 also in the x,y and z-direction. The measure-
ment data for the response point in the x,y and z-direction
is in column 2-4 of the measurement file.

c.2 model verification

When calculated response has been obtained it is essential to
perform a verification of the model accuracy.

It is performed by the following steps:

1. Verify that sample correlation, rxy, and TDDI for the cal-
culated response is within tolerance limits. If any of the
response channels deviates, study the time signals of mea-
sured and calculated response thoroughly and decide if the
deviation is acceptable.

2. Set each response channel as monitor channel one at a time
and see how the sample correlation and TDDI changes. If
the sample correlation, rxy < 0.5, consider if the response
channel should be removed from the model.

3. Calculate the relative load and verify that the amplitudes
of the calculated signals are within tolerance limits. The
relative load is the most difficult to obtain within tolerance
limits. If any of the response channels deviates, study the
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measured and calculated response thoroughly and decide
if the deviation is acceptable.
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